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PREDICTING THE INFLUENCE OF INTERNAL MOUNTING BRACKET AND EXTERNAL MOUNTING FEET LOCATIONS ON SOUND RADIATED FROM HERMETIC COMPRESSOR SHELLS 
INTRODUCTION 
E. B. Brookbank 
Reda Pump Division 
TRW 
Bartlesville, Oklahoma 
A typical hermetic refrigeration compressor consists 
of a thin closed cylindrical shell with three internal spring mounting brackets supporting the internal pump mechanism, and three e~ternal feet 
with rubber grommets to support the complete unit. The shell is usually penetrated by a high pressure gas discharge tube, and a low pressure return gas tube. For a typical low-side shell suction config-
uration, the discharge tube is normally sealed to the shell and connected to the internal mechanism discharge. The low pressure return gas tube is 
sealed to the compressor shell and discharges to the interior of the shell. The internal mechanism then takes its low side supply gas from the interior of the shell. 
The compressor mechanism also circulates oil from a 
reservoir at the bottom of the shell, utilizing a portion of the pumped oil in the compressor bearings, and spraying the remainder ~gainst the top of the 
shell for cooling. 
Each compressor design uses mechanical compression 
of a working fluid, usually freon, which is later e~anded for the removal of heat. There are two types of compressors in production today; the re-
ciprocating, and the rotary designs. Each of these two types have many potential noise sources. One 
source of excitation is the rotating unbalance of the compressor mechanism. The single piston re-
ciprocating compressor is inherently unbalanced due to the primary and secondary shaking forces. The primary shaking force can be for the most part eli-
minated by adding a simple counterweight. In practice this is not always done due to space and 
cost considerations. The higher order shaking forces are never balanced. The rotary compressor 
can be balanced but does develop a net time depen-dent force on the rotor and stator due to the com-pression process. Other noise sources in the rotary 
compressor can be the bounce and chatter of the 
sliding valves and the valve motion. 
The compression process in the reciprocating com-pressor is controlled by reed valves. The com-pressor valve is usually designed for reliable 
operation first, efficiency second, and then re-duced noise. The force generated across the piston 
may be as high as 200 lb. An oscillating discharge 
valve may cause a 30 to 40 pound oscillating force 
on the piston which may cause secondary oscillations in the compressor structure. 
365 
L. L. Faulkner 
Applied Dyoamics and Acoustics Section 
Battelle's Columbus Laboratories 
Columbus, Ohio 
The compressor displacement is one source mechanism. Mechanical energy is transmitted to the shell by three different transmission paths; the oil path, the gas path, and the mechanical path. 
The oil in the compressor is in a pool in the bottom of the shell. Part of compressor structure 
must be in this pool to pump the oil through the 
compressor. Two design methods are used to mini-
mize this path. The first is to keep the compressor 
structure in the oil to a m1n~mum. This is done by 
adding an oil adgitator which generates small bubbles in the oil. 
The second path is the gas transmission path. This is considered to be the gas in the space between the compressor mechanism and the shell, and the gas in the discharge tubing between the compressor and the shell. The gas pressure and the geometry be-tween the shell and the compressor mechanism is important in the first gas transmission path. This path is significant when the compressor first starts 
up and has a shell pressure of 45 to 65 psia but is less important at normal running conditions of 15 to 20 psia. The gas path in the tubing between the compressor and the shell is attenuated by adding 
suction and discharge mufflers to the shell. 
The final noise transmission path is the mechanical path. This is the acoustic energy transmitted be-tween the compressor mechanism and the shell by the mounting springs and the interconnecting tubing. 
The oil path and the gas path both depend on the 
shell pressure. They will both be important during 
start up, but are not as important at the steady 
running condition and associated lower shell pressure. 
The mechanical path is typically the predominant 
noise path during the compressor steady state 
operation with low sunction pressures. The noise 
contribution due to the mechanical path can be 
widely differnt for apparently identical compressor operations at identical conditions. 
The compressor shell is generally thicker than 
necessary for the required mechanical strength in 
order to reduce shell vibration and radiated noise. Compressor shells generally range in thickness from 0.020 inches to 0.250 inches thick. 
The shell is the final noise radiator in the com-
pressor noise problem. Ideally, compressor noise 
would be reduced by eliminating the sources of 
excitation. This is not always practical as pre-
viously discussed. The second method of reducing 
compressor noise is to reduce the transmission path 
efficiencies. The third noise reduction technique 
is to modify the shell or the vibrational to make 
it a less efficient noise radiator. 
That approach is the purpose of this paper. The 
effects of different types of point, line, and dis-
tributed forces on a shell were analyzed, and then 
used to model a compressor support bracket. This 
model is then applied to compressor design to 
analyze different compressor bracket configurations 
and to determine the configuration that results in 
the lowest radiated shell noise. 
The forced vibrations of thin walled shells have been 
considered by several authors. Each method is con-
sidered correct, but are not in a form that is 
easily usable by an engineer. LiessaC2) has pre-
sented a summary of and comparison of various 
theories of free vibrations of thin walled shells. 
Kraus(3) presented a general method of determining 
the forced vibration due to arbitrary surface load-
ing using the method of spectral representation. 
Bolliter and Soedel(4) extended the dynamic greens 
function to include moments acting tangent to the 
neutral surface. 
ThompsonC5) applied Lagranges equations to deter-
mine the constrained vibration of beams. This 
method uses the free vibration modes as generalized 
coordinates, and determines the generalized forces 
from the applied load using the principle of virtual 
work. Brookbank(l) applied the constrained mode 
method to thin elastic shells. The result obtained 
for general distributed point forces are the same 
as developed by KrauseC3J, Bolliter and Soedel(4). 
The method developed by Brookbank(!) is more flexi-
ble in that it may be easily applied to reaction 
forces and moments from springs, dampers, and point 
masses added to the shell. 
DESCRIPTION OF THE PREDICTION MODEL 
A mathematical model for the prediction of the sound 
radiation due to mechanical forces from a hermatic 
refrigeration compressor was developed. The 
essential elements of the model are as follows: 
• Determination of the motion of the internal 
mechanism, 
• Development of point-force and point-
moment shell excitation equations, 
• Formulation of external mounting bracket 
restraint conditions for the shell, 
• Forced response of constrained shell modes, 
• Prediction of acoustic radiation from the 
shell motions, and 
• Verification of the prediction model with 
measured forces and sound radiation. 
These elements of the model will be described in the 
following sections. 
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SHELL DYNAMIC MODEL 
The model for the compressor shell response is illu-
strated in Figure 2. Vibration excitation due to 
internal mechanism motions is transmitted through 
the internal mounting system to the shell at three 
locations. The external mounting feet of the com-
pressor and the rubber grammets are modeled as 
restraining forces and moments which act upon the 
shell. The resulting formulation is described as 
a forced-constrained-mode dynamic shell model. The 
magnitudes and relative phase relations for the 
forces and moments must represented. 
The mechanical path has been identified to be the 
major contributor to the radiated noise for low 
suction pressure as was illustrated in Figure 1. 
Shell Equations 
The differential equation for vibration of thin 
elastic shells is given by 
Substituting the generalized force for the spring 
reaction acting through a total of k brackets is 
given for the ith mode: 
(1) 
i:ji + wi2= .:_!_____ ¥ (K,_e(ui*- atBi* + (R + ?.e)'FtBn") 
PhNi l=l 
lu.* q.(t) + K (v·* +a 8 ·* -b 8 ·* ~ J J 2f 1 £ 21 l n1 
J 
~ v/ q/t) t- Kp-t(w1* +b.e.B 1 i* 
-(R + a£.)'1'£821* )~wj*q}t)) 
(2) 
This differential equation for the ith mode is 
cross-coupled with all other modes. If the system 
were vibrating at a natural frequency that was 
shifted by the cross-coupling effects, the qi(t) 
is represented as 
jWuit 
9i(t) = Ce Where j ,q (3) 
and 
Substituting this into equation (2) gives 
(Wi2-wni2 )q.(t) = -_1_ I (K v(ui* -a.eS ·* 
1 . .e 1"'-- ll phNi =1 
+(R+af.)'l'.e.B111*) I u/ qj(t) + Kd(vi* + al'.B:i* 
(5) 
This may be put into matrix form after rearranging 
as follows: 
0 (6) 
or of the form 
0 (7) 
+ V·* K .e(v·* + a,e.B ·* 
- b.e.Sni* (8) J 2 ~ 2~ 
+ Wj* Kne.(wi* + b,e.B ·* 1~ - (R+a.e_)'¥ ,e.B 2 i * )) 
+ 0 Wi2 ij 
and oif is the Kronecher Delta function 
c. = {0 
ij 1 
i , j 
i=j 
For a non-trivial solution of equation (6), [q.] 
not equal zero. Then [G-wn2 I] must equal zero~ this to happen we need to find the Wni where the determinant of [G-wn2I] = 0. This is the same as finding the eigenvalues of G. 




The coefficients 8ij were calculated and the eigen-
values using a computer program. A spring that is directly attached to the shell does not affect the 
natural frequencies when it is attached at a modal 
node line. The frequency shift for a typical her-
metic compressor shell is negligible unless the 
spring rate of the attached springs is high. This 
can be verified if a simplified model is used for a 
spring mass system as follows. The natural frequency for a spring mass system is 
= 1:_ 1 Keffgc 
f. 2 ~ Tr meff (10) 
Kef£ will be the effective shell stiffners for an 




For the n=l, m=6 mode 
fi = 2077.3 HZ 
N. 
~ 







Then K ff = 381279.0. If another spring of 
e Lb 
100,000.0 ~were added in parallel then K ff ~n e 
would be 100,00.0 + 381279.0 = 481,279. This gives 
a natural frequency of: 





or a change of 12.4 percent in natural frequency. This is very close to the 9.9 percent shift pre-dicted by the computer program for the worst case frequency shift for the two spring model with a 
spring rate of 100,000 Lbs/in. The frequency shift for other modes is less due to the geometry of the 
node shape, or the original frequency is higher 
which has a stiffer effective stiffness to begin 
with. 
The shell natural frequencies however do shift up-
ward as shown by experimental data published by Faulkner as well as data developed as a result of this study. The shift is believed to be due to 
the weight of the compressor in the shell and not due to the cross-coupling effects of the spring 
mounts and tubing penetrations. Figure 3 shows the 
natural frequencies of a compressor shell with and 
without a mechanism. 
The Forced Vibration Response for Shells 
With More Than One Bracket 
When a shell has more than one bracket, the response for each bracket is determined and then summed. This method of solution is based on the superposi-tion of linear differential equations. The spring 
reaction forces caused by the shell displacements 
at each bracket and their cross-coupling effects 
were considered negligible. In other words, the 
shell displacement acting with the stiffness of the 
attached brackets and springs is small and is 
negligible when compared to the applied forces. A 
convenient and arbitrary origin is picked for the e coordinate, The 8 origin is then found for each bracket for a given vibration mode shape. The geometric modal participation is then put in the form [Gil LGi as shown above. The 8 origin is is shifted an integral multiple of 2rr until it is 
within lrr of the arbitrary origin. The geometric 
modal participation factor is then split into the in phase and out of phase components using the following trigonometric identify 
The in phase components are summed and the out of and 
phase components are summed. The totals are then 
combined into a magnitude and a phase for the modal 
participation factor for all mounting brackets for 
a given mode. This procedure is repeated for each 
mode. 
Forced Vibration Response for Multiple 
Brackets With the Applied Forces 
Out of Phase With Each Other 
The inputs P1, P2, and Pn for each bracket were 
considered to be in phase with each other for the 
derivation to this point. Forces that are not in 
phase are split into their in phase and quadrature 
components and treated as two separate forces. 
This will result in four summations from equation 
(5) as defined below: 
FII - Sum of in phase force and in phase 
geometrically 
FIO - Sum of in phase force and out of phase 
geometrically 
FOI Sum of out of phase force and in phase 
geometrically 
FOO - Sum of out of phase force and out of 
phase geometrically. 
These are combined by combining FII and FIO to-
gether and combining FOI and FOO together to get 
the in phase and out of phase force response. 
Each will have a separate and distinct 8 origin as 
shown in the previous article. For example, the w 
response for the m,n mode would be 
wmn., AI sin(mnx)cos (n(6-6r))sin (Itt) 
f.. 




+ j AO sin~) 




""lno" + FII 2 
= lFoo 2 + FOI 2 
tan-! [FIOJ 
FII 






Using the trigonometric identities, the response is 
converted into the following form 
""nm = G sin (m1Tx) 
mag i.. (18) 
cos (n(8-6;n -8dif))sin (Itt -4>nm) 
where 
Gmag ., I A02 + AI" - I F002 + FOI 2 + FlO" + FII2 
(19) 
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tan-'[!~~ J ¢mn tan-f FI0 2 + FII 2 F002 + FOI 2 D 
6 Br + 8a 
(20) 
m 2 
6diff 6r 2 
69 
81 Theta origin for the in phase forces 
eo Theta origin for the out of phase forces 
The cross-coupling effects of the spring brackets 
and tubing penetrations were investigated and found 
to be negligible by this theory for small deflec-
tions of the shell with light damping. However, 
experimental results show an increase in shell 
natural frequencies when a mechanism is put into a 
welded compressor shell. This discrepancy is be-
lieved to be as a result of the increased state of 
stress due to the weight of the installed compressor 
and not due to the cross-coupling effects. 
The forced vibration response was then derived for 
single and multiple brackets with forces in phase 
and out of phase with each other while assuming 
the cross-coupling effects of the spring reaction 
forces were negligible. 
The forces Pl, P2, and.Pn have a magnitude and a 
frequency term and can be represented as 
P = P Pn (Q) (21) 
mag " 
where PQ (Q) is common to all forces. The complete 
frequency and time dependent term is: 
(22) 
The remaining terms constitute the geometric modal 
participation factor. 
Determining the Bracket Forces 
The forces acting on the compressor shell brackets 
were estimated from the compressor oscillation at 
the running frequency and the spring rates of the 
springs and tubing connecting the compressor to the 
shell. For steady state operation, the compressor 
mechanism can be assumed to be inertia not rolled 
and not dependent on spring mounting forces. The 
compressor when running has a steady state cyclic 
motion which will result in forces on the shell by 
acting through the stiffness of the attached springs 
and brackets. The fundamental frequency of this 
cyclic motion is the running frequency of the co~ 
pressor. These cyclic forces were represented by a 
Fourier series of since and cosine functions. The 
comprP.ssor itself is a second order spring mass 
system with a natural frequency of six to ten 







The acoustic radiation efficiency of a shell was 
utilized to couple the shell vibration to the · 
radiated sound fields. Manning and Maidanik(7) 
defined a ring frequency where the wavelength of the 
compressional wave in the cylinder material is equal 








f ~ 66900/d Hz for d in inches r 
(24) 
(25) 
The coincidence frequency is when the propagational 
speed of the bending wave in the shell is equal to 




1Th E lp 
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·
5 for steel in air or --h-
c = speed of sound in air. 
(26) 
The acoustic radiation efficiency increases with frequency until it reaches the ring frequency and 
coincidence frequency where it becomes constant. 
Figure 4 shows the form for the acoustic radiation 
efficiency with resonance peaks at the ring frequency 
and the coincidence frequency. The shell that is 
shell that is being considered here has a ring frequency of 6870 Hz. Since the acoustic radiation 
efficiency is rising in the region below 6000 Hz, 
the form for Pn(Q) is taken as 
Q 
P Ul)= ~ (27) Q Q 
RESULTS 
Computer solutions were obtained for three sets of 
natural frequency mode data. The first was for 19 
modes determined from the free vibration natural frequency program for a simply supported cylindri-
cal shell. The modes chosen had natural frequencies less than 6000 Hz and had a circumferential number 
of half waves (M) at the minimum or higher than the 
number of longitudinal half wave number (N). The 
modes and frequencies utilized are given in Table 1. 
The second test consisted of 15 experimentally 
determined natural frequencies and modes as j_llu-
strated in Figure 5. The third set consisted of 
seven of the above 15 modes which could be identi-
fied in the vibration spectrum of a normally running hermetic compressor. The computer solution was 
obtained for the compressor shell brackets in three 
configurations. The first was the normal or as re-
ceived condition. The second was similar to the first except the brackets were modified to eliminate 
their axial reach which would result in their being 
mounted higher on the shell. The third configura-
tion moved the spring support brackets to the 
bottom of the shell. The discharge tube was raised in the second and third configuration. Table 2 
gives the details of the configurations tested. 
A comparison of the predicted and measured acoustic 
spectra is given in Figures 6 and 7 for the three 
configurations evaluated: standard bracket mount-
ing, ·strap mounted bracket, and bottom mounted 
brackets. The computer predictions from the bottom 
spring mounting would be quieter in general but 
would have relatively strong frequencies at 1077, 1360, 1417, 1600 and 3980 Hertz. These correspond 
to the 18th, 23rd-24th, 28th and 67th harmonic. 
The predicted spectrum for the bottom mount was 
below the predicted spectrum for the standard 
configuration at all points. The measured spectrum Figure 6, showed that the bottom mounted compressor is in general quieter but not at all frequencies. 
The bottom mount resulted in large amplitudes at 
the 21st, 34th, 44th and 66th harmonic. This 
corresponds to 1239, 2006, 2596 and 3894 hertz. 
The computer prediction for the strap mounting brackets showed that it would be in general noisier 
than, but close to, the standard configuration 
compressor. Figure 7 shows measured values for 
these two cases to be fairly close except at the 
21st and 50th harmonic. (1239 and 2950 Hertz.) 
The test conducted would indicate that computed 
acoustic spectra can predict narrow band trends. 
The two compressors used in this study can in no 
way be considered conclusive. The shells had been 
cut open and rewelded which undoubtly affected the 
residual stresses in the shell. Between any two 
compressor runs the parameters cannot be exactly 
duplicated (i.e., speed, suction pressure, tempera-
ture, discharge pressure, etc.) A formal verifica-
tion using this forced vibration theory would 
require man- compressor tests and statistical isolation of extraneous influences. 
REFERENCES 
(1) Brookbank, E.R., "Forced Vibration of Thin 
Elastic Shells With Application to Fractional 
Horsepower.Hermatic Compressor Shells", Ph.D. 
Thesis, The Ohio State University, 1978. (2) Leissa, A. W., "Vibration of Shells" ,NASA 
SP-288, 1973. 
(3) Kraus, H., "Thin Elastic Shells", John Wiley 
and Son, New York, NY, 1967. (4) Bolliter, U. and Soedel, W., "Dynamic Green's 
Function Technique Applied to Shells Loaded 
by Dynamic Moments", Journal of the Acoustical 
Society of America, Vol. 49, No. 3, Pt 2, 
March 1971, pp 753-758. 
(5) Thompson, W. T., "Vibration Theory and Applica-
tions", Prentice Hall, Englewood Cliffs, New 
Jersey, 1965. 
369 
(6) Faulkner, L.L. and Hamilton, J.F., 
"Refrigeration Compressor Shell Vibration and 
Sound Radiation", International Congress of · 
Refrigeration, Washington, DC, August 1971. 
(7) Manning, J. c. and Maidanic, G., "Radiation 
Properties of Cylindrical Shells", Journal of 




















······-·-··········-··············· .. ··············· .. ···•·••····· ........ Oil Path Without Bu.bbles J __....-..-,. 
---// 
----- / All Path" (Bubble a in _..,.. "'Gil. a Path 




"'//" ~ -v Bubbles in Oil 
{" '1'1Jlica.l Me<!hanica.l Path 
10 30 
Shell Prca"ure PBil 
Figure 1. Radiated Noise due to the Transmission 
Through the Various Paths. 
Jv:lbration 
Ac:oust.ical 
beonance.s Gas Mechanical Oil Bubbles 
-----7- l'ath l'ath Path <E---
400 0 
!j 300 0 
" (lj ,;::; 


















ldO!d otnpre sor sell 
lded om pre sor S ell 






Theo etica Curv 
for m ~ 1 
5 6 7 8 
Figure 3. Experimentally Determined Natural 
Frequencies for a Hermetic Compressor 


















a Mechanism, Normal Oil Level, and 
Freon 12 at Normal Shell Pressure. 
fc~oincidence frequency 























Figure 4. Acoustic Radiation Efficiency for a Typical 
Hermetic compress(;:[ sh.-eTi 
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Figure 6. The Predicted and Heasured Sound Levels for 
Test Compressor #2, Standard Configuration 
and Converted to Strap Spring Mounting. 
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Figure 7. The Predicted and Measured Sound Levels fur Test Compressor #l, Standard Configuration 






Natural frequencies for a simply supported circular cylindrical 
shell with shell parameters, brackets, and attached springs. 
Frequencies Listed by llode 
Natural Simrly Typical TW"o Spring Model Max. 
Freq11ency SupportC"d HermPtic Nur=~ber 1 Ntlmber 2 i'Jumber 3 Number 4 X 
Mode. No. Sholl CorJpr c s sc r K:!OO Lb K=1000Lb K=!o,ooo K:!OO,OOO Fre-
Without Shell in: in Freq. Freq~ quency, 
N M HrackPts Freq, Freq. Shift 
I 2 3216.~- --m-~ ~-----?-~~4--~}·7 3360. 2 4.<\X 1 3 2006.9 2006.9 2007 .o 2001.7 2011,. 6 2080.9 3. 7% 
l 4 1551. 7 15'>1. 7 1551. 7 15)1. 7 1551.7 1551.7 o.ox 
I 5 l61,lo. 9 1MS.O 1645. 0 16lo5. 9 165-1.6 1712.1 li.1X 
1 6 2(1/7. 3 2017. J 2077.6 2~~ r-Po" .1 2283.6 9.9% 
1 7 27()2 .lJ 2702.9 2703.0 Z/03.6 2109 .I, 2780.3 7.9% 
I 8 34ii3. 8 3463.8 3463.8 l/063. 8 3163.8 3463. 8 0.0% 
I 9 4340.3 431oO.J 4340. 3 /.)/10. 7 4341<.1 4368.7 0. 7l 
1 10 5Jls.5 5325 .s 5325.6 ~3?6. 6 5H6.7 51;51.9 2.1i%. 
2 3 1;741.6 4 741. 6 4 741.6 471<1.6 ii 741. 6 4 741. 6 0.01 
2 4 37!3.5 3713.5 3713.5 3ll3.5 3713. 5 3713.5 o.o~ 
2 5 31M.O 3186.(1 3!86. 0 3186.0 3186.0 3186.0 0.01 
2 6 3131.<\ 3132.4 3132.1i 3132.4 3JJ2.ii 3132.4 0.0% 
2 7 3463.6 3463. 7 1o6J. 6 1ii63.6 3463. 6 3463.6 0.0% 
2 8 40(,). 7 4067.7 f~ M~67. I 406 7. 7 406 7. 7 0.0~ 2 9 li863.2 t;863.2 <\863.2 48b3. 2 4863.2 4863.2 o.ox 
.] 5 4973.9 ~p.9 4973.9 • 974.2 4971.2 5000.8 0. sx 
3 6 4689.3 4689 .ii 1;689. 5 ~~~~+ ~01.2 li743.5 1-.2% 3 7 '·768.4 4768.4 4 768.4 4772.6 .\896.1i 2.7% 
3 8 5167.2 5167.2 5167.2 'i1f>7. 2 5167.2 5167.2 0.0% 
Frequencies Lis ted in Ast:f'nd ing Order 
I 4 1 'i5l. 7 1551.7 I 551.7 1551.7 1 'iS\. 7 1551.7 0.0 
I 5 l Gl~ti. 9 1645.0 1M5.0 )(,45 .9 ltJ.5~. 6 1 J\2.1 4.1 
1 3 2006. 9 2'000. ~ 2007. 0 ?007. 7 .'OJ<\ .6 2080.9 3. 7 
I 6 2077.3 2077.1 2077. 6 20~0.0 2104 .I 2283.6 9.9 
--
1 7 2iU? .9 2702.9 2JOJ .0 17!lJ. 6 270~ .4 2780.3 7.9 
2 6 31>1. 4 3132 ·" J 132.4 31 ]2' '• 1;]32 ,/1 31 J2.4 0.0 
2 5 3186.0 3186.(1 l186 .o 11 Rr, .o 31:::~1'1. 0 118f>.O o.o 
I 2 nl6.9 3216. !' -]2!7 .I J2IB.o 32'\1 . 7 3300.2 ~.4 
2 7 ]lj(~J. (, ]I,!JJ.7 3..;hJ. 6 3/f{l"l.6 3tofi.J .6 3<63.6 o.o 
1 a 34 63. a 3463.8 Jt.6J. B J4f>J. 8 34 63. e Jlo63 .8 0.0 
2 4 371J. 5 3713.5 3713,1 l)\ 1.5 3713. ', 3713.5 o.o 
2 8 4 06 7. 7 4067.7 li067. 7 ."i[J6/. 7 4067.7 4067.7 o.o 
1 q 431!0. 3 43<10. J 1,]40.3 /l1/l0, 7 t~ 3.!i 1l • 1 4368.7 o. 7 
3 6 4689.3 1,689.4 1o6M.~. (1(,9(l,6 4701.2 4 743.5 1.2 
•2 3 li741. (, • 741. 6 47~l.6 4141.6 lo741.1o 4741 .6 "o.o 
J 7 li76_U,4--~f>_8.4 I, 703.4 ti7hB.B 4772.6 4896.4 2.7 
2 9 4863.2 4863.2 I,M,].2 lo36J.2 4863.1 4863.2 0.0 
3 5 4973.9 4973.9 4973.9 loH4.2 '•977 .2 5000.8 o.s 
3 8 5167.2 5167.2 s1 "'· 2 51~7. 2 'H67 ,2 5167.2
 o.o 
1 10 5325.5 5325.5 53:15.& '>J26. 6 5336.7 545! .9 2.4 
TABLE 2 
Compressor Bracke~ Locations Evaluated by the Compressor Shell Forced 
Vibration Sound Radiation Program 
Case 1 Standard Configuration 
Bracket Location Bracke~ Dimensions Spring Rates Lb/in ' 
Number xl.l e Normal Axial [Angular Normal Axial Tangen. 
Reach/R Reach/£ Reach 
I 0.93 0.0 -0.068 0.136 0.0 11.6 23.3 23.3 
2 0. 79 +135 -0.068 0.136 0.0 11.6 23.3 23.3 
3 0. 79' -135 -0.068 0.135 0.0 11.6 23.3 23.3 
4 0.86 +145 o.o 0.0 o.o 20.0 0.0 0.0 
Case 2 Brackets 2 and 3 modified to eliminate axial reach and -the 
discharge tube (bracket 4) moved up Refered to as the Strap 
f racket 
Bracket Location Bracket Dimensions Spring Rates Lblin 
Number x/l e Normal I Axial Angular Normal Axial Tangen.l 
Feach/R Reach/.i: Reach -
1 0.93 0.0 -0.06B 0.136 o.o 11.6 23.3 23.3 
2 0.86 +135 -0. 06B o.o 0.0 11.6 23.3 23a I 
3 0.86 -135 -0.06B o.o 0.0 11.6 23.3 23.3 J 
4 o. 93 +145 0.0 0.0 0.0 20.0 0.0 0.0 .I 
Case 3 Brackets 1, 2 and 3 moved to the bottom-arid brack~q--rdischarge 
tube) moved u.p 
Bracket Location Bracket Dimensions Spring Rates Lb/in 
Number ><ll e Normal Axial !Angular Normal Axial Tangen. 
Reach/f\ 'leach/.t Reach 
I 0.07 0.0 -0.136 0.136 o.o 5.0 23.3 5.0 
2 0.07 +135 -0.136 . 0.136 0.0 5.0 23.3 I 5.o 
3 0.07 -135 -0.}]6 0.136 o.o 5.0 23.3 5.0 
4 0.93 +145 o.o o.o o.o 20.0 o.o 0.0 --
